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ABSTRACT 
The research for alternative fuels increased rapidly to mitigate the pollution problems resulting 

from using conventional fuels in internal combustion engines. Natural gas (NG) appears the most 
promising alternative due to its low prices and availability around the world. 

In this paper, a two-zone, zero-dimensional (0-D) model for the simulation of dual fuel NG-
diesel engine is developed to study the performance of the engine with a proposed technique of NG 
early direct injection. The model is composed of several sub-models that are based on semi-
empirical formulas. NG is modeled as being directly injected at the beginning of the compression 
stroke. The model is applied to study the performance of HELWAN M-114 diesel engine using dual 
fuel of NG and diesel fuels as a case study.  

The results indicate that using NG early direct injection technique (EDI) results in increasing the 
volumetric efficiency and hence the brake power of the engine compared to the intake manifold 
induction (IMI) of NG with air through the intake manifold. The percentage increase in brake power 
is 8.7% at NG mass ratio in the total fuel (the supplement ratio (SR)) of 90% at full load. To 
evaluate the proposed technique, results obtained by varying the engine load and the SR. Results 
indicate that the slow burning rate of NG results in decrease in the brake thermal efficiency by 3.5% 
and increases in brake specific fuel consumption with a percentage of 10.2% at 90% SR and full 
load. However, a great advantage of increasing the SR is the reduction in NOx and soot emissions 
particularly at high engine loads where they were reduced with percentages of 28.6% and 86%, 
respectively at 90% SR and full load condition.    

Keywords: dual fuel engine, direct injection, natural gas, supplement ratio 

Nomenclature 
Symbols  Greek Symbols 
A Area (m2)  𝜂𝜂bth Brake thermal efficiency (%) 
BP Brake power (kW)  𝜂𝜂v Volumetric efficiency (%) 
Cp Constant pressure specific heat  𝜃𝜃 Crank angle (degrees) 
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(kJ/(kg.K)) 
Cv Constant volume specific heat 

(kJ/(kg.K)) 
 𝜇𝜇 Dynamic viscosity (N.s/m2) 

e Specific internal energy (kJ/kg)  𝜌𝜌 Density (kg/m3) 
h Specific enthalpy (kJ/kg)  𝜏𝑖𝑑 Ignition delay period (ms) 
k Specific heat ratio  𝜙𝜙 Equivalence ratio 
m Mass (kg)  Subscripts 
p Pressure (kPa)  b Burned 
Q, q Heat transfer (kJ), heat transfer 

flux (kJ/m2) 
 d Diesel 

Re Reynolds number  db Burned diesel 
Sp Mean piston speed (m/s)  dt Total diesel 
T Temperature (K)  ex Exhaust 
V Instantaneous cylinder volume 

(m3) 
 in Intake 

x Mass fraction  inj Injection 
Abbreviations  max Maximum 
bsfc Brake specific fuel consumption 

(g/kW.h) 
 s Soot 

EDI Early direct injection  sf Soot formation 
fmep Friction mean effective pressure 

(kPa) 
 so Soot Oxidation 

IMI Intake manifold induction  v Valve 
IVC Intake valve closure    Superscripts 
LHV Lower heating value (kJ/kg)  . Derivative with respect to time 

(d/dt) 

1. Introduction 
The world energy demand increases rapidly every year due to the growth in population 

as the energy consumption increases by 1.7% per year for the last ten years [1]. Therefore, 
there is a significant increase in crude oil consumption with an accompanying deterioration 
in air quality which forces the engines manufacturers to search for low emission alternative 
fuels. The most promising alternative fuel is NG due to its low emissions level and its 
availability at lower prices around the world compared to the other alternatives [2,3].  

Dual fuel engines which use NG and diesel are widely used as they achieve the 
environmental requirements where the combustion of the gaseous fuel produces low 
emissions relative to the use of diesel fuel only. In a common approach, which will be 
conventionally called intake manifold induction (IMI) technique in this article, NG is 
inducted to the engine through the intake manifold with the air forming a homogenous 
mixture. Near the end of the compression stroke, a certain amount of diesel fuel, called pilot 
fuel, is directly injected to initiate the combustion since NG does not self-ignite at normal 
diesel engine operating conditions because of its high autoignition temperature (540-560 ℃ 
[4]). The advantages of this method include the simplicity of application and the good 
mixing between NG and air which improves the combustion. The major drawback of this 
approach is the low brake power of the engine due to the reduction in the volumetric 
efficiency. Some of the air in the intake manifold is displaced by NG. This results in a 
reduction of the inlet air mass through the intake stroke and, therefore, the volumetric 
efficiency is reduced [5]. Another drawback is the escape of some amount of NG through the 
exhaust valve during the overlap period. Moreover, NG has a low laminar flame speed 
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especially at high pressures where it has a value about 7 cm/s at stoichiometric condition and 
at the average cylinder pressure of the combustion process [6]. Therefore, the engine should 
produce enough air swirl motion to carry the flame front through the cylinder content.  

In order to avoid these drawbacks, another approach is to directly inject NG inside the 
engine cylinder through the compression stroke before the pilot fuel injection. Direct 
injection of NG in dual fuel engines using high pressure direct injection technology has been 
investigated in many studies [7–10]. Using this technology, both NG and diesel are directly 
injected through the same injector at high pressure (200-300 bar) [11]. Near top dead center 
(TDC), pilot diesel is first injected with a small amount (5% on energy basis at full load) 
followed by the injection of NG. This generates a stratified NG-air mixture with nearly 
stoichiometric mixture near the injector nozzle and lean mixture in the remaining of the 
cylinder due to the high injection pressure [12]. The benefits include improvements in 
thermal efficiency through increasing the flame speed of NG resulting from the combustion 
of locally stoichiometric NG-air mixture [13]. However, the main drawbacks of this method 
include the increased complexity of the injection system due to the high injection pressure 
and the increase in soot emissions due to the presence of rich mixture zones [14,15]. 

Engine simulations are valuable tools for evaluating the performance and emission 
parameters. Two types of simulation models are used for internal combustion engines 
studies: 0-D models and multi-dimensional models. Multi-dimensional models provide 
more detailed results but require high computational power and long calculation time. On 
the other hand, 0-D models provide relatively accurate results with lower computational 
power and time requirements.    

 Many theoretical analyses using 0-D modeling for the NG engine performance were 
carried out. Mansour et al. [16] developed a 0-D simulation model for investigating the 
performance and emissions of a dual fuel NG-diesel engine. They used a detailed chemical 
kinetics reaction mechanism including 79 reactions for predicting pressure, temperature and 
species concentrations variations through the engine cylinder. The results of the study have a 
reasonable agreement with the experimental measurements. Hountalas and Papagiannakis 
[17] suggested a numerical simulation model of a dual fuel NG-diesel engine based on two 
zone combustion model. The model provides good prediction for the pressure-time diagram 
of the engine cylinder under different SRs of NG. They more developed the model in [18,19] 
where the results illustrated that using NG decreases both NOx and soot emissions compared 
with diesel operation. Soylu and Gerpen [20] developed an empirical equation for the 
burning rate of the NG based on Wiebe function where an acceptable agreement of the 
cylinder pressure-time diagram at different equivalence ratios was achieved. The constants of 
the Wiebe function are replaced by empirical functions based on the equivalence ratio. 
Another 0-D simulation model having a detailed chemical reaction mechanism was 
developed by Zheng and Caton [21]. They used a single-zone model coupled with Chemkin 
software with 53 species and 325 reactions to model a homogeneous charge compression 
ignition engine. The results indicate that the engine speed greatly affect the temperature at 
TDC.  Mikulski et al. [22] proposed a 0-D simulation model of a dual fuel compression 
ignition engine. They used first order macro reactions for the NG components. The results 
have reasonable agreement with the experimental measurements.  Tirkey et al. [23] 
developed a simulation model for a multi-cylinder engine fueled with NG. The model 
includes a combustion model based on turbulent flame propagation analysis and two zones 
combustion chamber content. The flow through the intake and exhaust manifolds was 
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modeled as one-dimensional flow by the characteristics method. The results of the model are 
compatible with the experimental results.  

In this article, the performance of NG-diesel engine is investigated with a proposed 
technique of early NG direct injection (EDI). The injection of NG is chosen to be after intake 
valve closure. This technique combines the benefits of improved NG-air mixing through the 
compression stroke and increased volumetric efficiency by direct injection. Moreover, low 
injection pressure can be selected to ensure more simplicity and safety requirements for the 
injection system. A 0-D, two-zone combustion model is developed for evaluating this 
technique which consists of several sub-models which are described in the following section. 

2. The mathematical model description 
2.1. General assumptions 
In the mathematical model, the air charge through the intake stroke and the residual gas 

fraction from the previous cycle are assumed a homogenous mixture through the intake stroke. 
The injected NG at the beginning of the compression stroke is assumed as a homogenous 
mixture with the cylinder charge through the compression stroke. As the pilot diesel fuel is 
injected it takes a delay time till starting of combustion and ignites the NG. During the 
combustion process, the engine cylinder is assumed as two zones; each zone has a homogenous 
composition and temperature at each instant while the two zones have the same pressure value. 
The first zone is the unburned zone which contains the air and the NG. The second zone is the 
burned zone where the combustion products are presented. After combustion is completed, 
only the combustion products are presented through the remainder part of the power stroke and 
the exhaust stroke. The combustion products are assumed eleven components which are: CO2, 
CO, O2, O, N2, N, NO, H2, H, OH and H2 [24]. The percentages of the combustion products 
components are calculated according to the chemical equilibrium assumption [24].  

2.2. The thermodynamic properties model  
The thermodynamic properties for the in-cylinder species are calculated using the 

coefficients from the NASA equilibrium program [25]. These coefficients are for the least-
squares curve fit to the data in JANAF thermodynamic properties tables. The molar 
specific heat under constant pressure (𝐶�̅�) and the molar enthalpy (ℎ�) are calculated using 
these coefficients as follows:                                               

𝐶�̅�𝑖
𝑅�

= 𝑎𝑖1 + 𝑎𝑖2𝑇 + 𝑎𝑖3𝑇2 + 𝑎𝑖4𝑇3 + 𝑎𝑖5𝑇4           (1) 

ℎ�𝑖
𝑅�𝑇

= 𝑎𝑖1 +
𝑎𝑖2
2
𝑇 +

𝑎𝑖3
3
𝑇2 +

𝑎𝑖4
4
𝑇3 +

𝑎𝑖5
5
𝑇4 +

𝑏𝑖1
𝑇

           (2) 

Where: ai1 to ai5 and bi1are the coefficients for i species given in [25]. The average 
values for thermodynamic properties of the cylinder contents can be calculated by the 
relations of ideal gas mixtures. 

2.3. Engine friction model 
The engine friction is calculated according to the correlation which discussed by Chen 

and Flynn [26,27]. The correlation gives the fmep form as follows: 
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𝑓𝑚𝑒𝑝 = 40 + 0.005 × 𝑝𝑚𝑎𝑥 + 9 × 𝑆𝑝 + 0.09 × 𝑆𝑝2           (3) 

2.4. Heat transfer model 
The instantaneous heat transfer rate between the cylinder charge and the surrounding 

surfaces (cylinder wall, piston crown surface and the cylinder head surface) is calculated 
according to Lawton model [28]: 

𝑞𝑤 = �
�́�
𝑑�

{𝑎�𝑅𝑒𝑏(𝑇 − 𝑇𝑤) − 2.75𝐶1𝑇𝑤} + �̂�𝜎(𝑇4 − 𝑇𝑤4)           (4) 

Where: 𝐶1 = (𝑘 − 1) 𝑑𝑉
𝑉
� 𝑑3

𝛼𝑜𝑆𝑝
�
1 2⁄

 and �́� = 9𝑘−5
4

𝜇𝜇𝐶𝑣. Through the combustion process, 

the cylinder temperature is taken as the bulk average temperature of the burned and 
unburned zones. 

2.5. Fuels injection models 
The mass flow rate of injected diesel fuel is simulated as a function of the total mass 

according to the following equation [29]:  

�
�̇�𝑑

𝑚𝑑𝑡
� = �

𝜋
2∆𝜃𝜃𝑖𝑛𝑗

� 𝑠𝑖𝑛 �
𝜋(𝜃𝜃 − 𝜃𝜃𝑜)
∆𝜃𝜃𝑖𝑛𝑗

� �̇�𝜃           (5) 

Where: θo is the crank angle at the start of injection and 𝑚𝑑𝑡 is the total injected mass of 
diesel fuel. The mass flow rate of injected NG is simulated as a chocked flow through a single-
hole injector. The chocking condition is practically chosen for NG injection since it ensures 
stable injection [15]. The injection pressure of NG is chosen to be equal 10 bar since this value 
can maintain a critical pressure ratio through the injector nozzle for the selected injection 
timing, which is equal to IVC, and engine loads. The mass flow rate of NG is given by [30]: 

 �̇�𝑁𝐺 = 𝐶𝐷𝐴𝑛𝑃𝑖𝑛𝑗�
𝑘𝑀
𝑅𝑇
� 2𝑘
𝑘−1

�
𝑘+1
𝑘−1            (6) 

Where: 𝐶𝐷 is the discharge coefficient through the nozzle and 𝐴𝑛 is the nozzle area. 

2.6. The Ignition delay model 
The correlation developed by Xu et al. [31] for dual fuel engines is used which gives 

the ignition delay as: 

𝜏𝑖𝑑 = 2.4𝜙𝜙𝑝𝑑−0.2𝑝−1.02𝑒𝑥𝑝 �
𝐸𝑎
𝑅�𝑇

�            (7) 

Where: 𝜙𝜙𝑝𝑑 = 𝑚𝑑 𝑚𝑂2⁄
0.328

 and is called the pseudo-diesel equivalence ratio and the value 

of 𝐸𝑎
𝑅�

 is taken equal to 2100 K as in [31]. 
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2.6. The heat release model 
The NG combustion rate is calculated according to the modified Wiebe function by 

Mansour et al. [16] for a wide range of engine speeds and loads. The function has the 
following formula: 

𝑑𝑚𝑁𝐺𝑏

𝑑𝜃𝜃
=

1
∆𝜃𝜃𝑇

𝐴𝐵𝜃𝜃�𝐵−1𝑒𝑥𝑝�−𝐴𝜃𝜃�𝐵�            (8) 

Where: 𝜃𝜃� = 𝜃−𝜃𝑐
∆𝜃𝑇

, 𝜃𝜃𝑐 is the crank angle at the start of combustion, and ∆𝜃𝜃𝑇 is the 
combustion duration. The values of  A, B, and ∆𝜃𝜃𝑇 are illustrated for different engine 
speeds and loads in [16]. The pilot fuel (diesel fuel) burning rate is calculated according to 
Watson et al. correlation as follows [32]: 

𝑚𝑑𝑏��́�𝜃�
𝑚𝑑𝑡

= 𝛽𝑓1 + (1 − 𝛽)𝑓2 
                         

(9) 

Where:          

𝑓1 = 1 − �1 − �́�𝜃𝐾1�𝐾2 (10) 

𝑓2 = 1 − 𝑒𝑥𝑝�−𝐾3�́�𝜃𝐾4� (11) 

�́�𝜃 = (𝜃𝜃 − 𝜃𝜃𝑐) ∆𝜃𝜃𝑏⁄  (12) 

𝛽 = 1 − �𝑎𝜙𝜙𝑏 𝜏𝑖𝑑𝑐⁄ � (13) 

The values of K1, K2, K3, K4, a, b and c are given in [32].            

2.7. The pressure and temperature relationships 
The cylinder charge through the intake, compression and exhaust processes are 

assumed single zone (homogenous mixture) and the pressure and temperature variations 
through these processes are calculated according to the following equations [33]: 

�̇� =
1

𝑚𝐶𝑣
��̇� − 𝑝�̇� + �(�̇�𝑖𝑛ℎ𝑖𝑛 − �̇�𝑒𝑥ℎ𝑒𝑥)− 𝑒�̇� −𝑚�𝑒𝑖�̇�𝑖

𝑖

� (14) 

�̇� =
𝜌𝜌

𝜕𝜌𝜌 𝜕𝑝⁄ �
�̇�
𝑚

+ �
𝑅𝑖�̇�𝑖
𝑅

𝑖

−
�̇�
𝑉
−
𝜕𝜌𝜌 𝜕𝑇⁄
𝜌𝜌

�̇�� (15) 

Where: i denotes the number of species in the cylinder charge. Through the combustion 
process the cylinder is assumed to be consisted of two zones, burned zone and unburned 
zone. The cylinder charge in each zone is assumed homogenous and the zones have 
different temperatures and the same pressure value. The pressure and temperature 
variations through these zones are calculated according to the following equations [23]: 
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�̇�𝑢 =
1

𝑚𝑢𝐶𝑝,𝑢
�𝑉𝑢�̇� + �̇�𝑢� 

       
(16) 

�̇�𝑏 =
𝑝

𝑚𝑏𝑅𝑏
��̇� − �

𝑅𝑏𝑇𝑏
𝑝

−
𝑅𝑢𝑇𝑢
𝑝

� �̇�𝑏 + �
𝑉
𝑝
−
𝑅𝑢𝑉𝑢
𝑝𝐶𝑝,𝑢

� �̇� −
𝑅𝑢
𝑝𝐶𝑝,𝑢

�̇�𝑢�        
(17) 

�̇� = −
1
𝑋𝑜 ��1 +

𝐶𝑣,𝑏

𝑅𝑏
� 𝑝�̇� + �(𝑒𝑏 − 𝑒𝑢) − 𝐶𝑣,𝑏 �𝑇𝑏 −

𝑅𝑢
𝑅𝑏

𝑇𝑢�� �̇�𝑏 + 𝑌𝑜�̇�𝑢 − �̇�� (18) 

Where: 𝑋𝑜 = 𝑌𝑜𝑉𝑢 + 𝐶𝑣,𝑏
𝑅𝑏

     𝑎𝑛𝑑     𝑌𝑜 = 𝐶𝑣,𝑢
𝐶𝑝,𝑏

− 𝐶𝑣,𝑏𝑅𝑢
𝐶𝑝,𝑢𝑅𝑏

. The average cylinder 

temperature can be calculated by energy balance as follows [34]: 

𝑇 =
𝑚𝑢𝐶𝑣,𝑢𝑇𝑢 + 𝑚𝑏𝐶𝑣,𝑏𝑇𝑏

𝑚𝑐𝑦𝑙𝐶𝑣,𝑐𝑦𝑙
 (19)  

Where: 𝑚𝑢,𝑚𝑏 𝑎𝑛𝑑 𝑚𝑐𝑦𝑙 are the instantaneous masses of the unburned zone, burned 
zone and the total cylinder contents. 𝐶𝑣,𝑢,𝐶𝑣,𝑏 𝑎𝑛𝑑 𝐶𝑣,𝑐𝑦𝑙  are the corresponding 
instantaneous specific heats. 

2.8. NOx formation mechanism 
The nitric oxides (NOx) formation rate is calculated according to the extended Zeldovich 

mechanism which described in [35]. The mechanism consists of the following reactions: 

𝑂 + 𝑁2 ↔ 𝑁𝑂 + 𝑁
𝑁 + 𝑂2 ↔ 𝑁𝑂 + 𝑂
𝑁 + 𝑂𝐻 ↔ 𝑁𝑂 + 𝐻

� (20) 

Assuming equilibrium values of O, O2, OH, H and N2, NO formation rate can be 
calculated by the following equation: 

𝑑
𝑑𝑡

[𝑁𝑂] = 2𝑘1𝑓[𝑂]𝑒[𝑁2]𝑒 �
1 − [𝑁𝑂]2 (𝐾12[𝑂2]𝑒[𝑁2]𝑒)⁄

1 + 𝑘1𝑏[𝑁𝑂] �𝑘2𝑓[𝑂2]𝑒 + 𝑘3𝑓[𝑂𝐻]𝑒�⁄
� (21) 

Where: K12 = (k1f k1b⁄ ) (k2f k2b⁄ )⁄ , subscripts 1, 2 and 3 refer to the three reactions in 
equation (20), subscripts f and b refer to forward and backward reactions, respectively, subscript e 
refers to thermodynamic equilibrium and the square brackets [ ] denote concentration in 
mole cm3⁄ . The forward and backward rate constants are given by (in cm3 (mole. s)⁄ ): 

𝑘1𝑓 = 7.6 × 1013𝑒𝑥𝑝(−38000 𝑇𝑏⁄ )
𝑘1𝑏 = 1.6 × 1013

𝑘2𝑓 = 6.4 × 109𝑇𝑏𝑒𝑥𝑝(−3150 𝑇𝑏⁄ )
𝑘2𝑏 = 1.5 × 109𝑇𝑏𝑒𝑥𝑝(−19500 𝑇𝑏⁄ )

𝑘3𝑓 = 4.1 × 1013 ⎭
⎪
⎬

⎪
⎫

 (22) 
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2.9. Soot formation and oxidation mechanism 
The soot formation in this model is assumed to be formed by the diesel fuel only and 

the formed soot from the NG is neglected since NG only forms soot at rich mixtures [36] 
and the diesel engine operates at lean mixture conditions for the whole load range. The 
soot formation and oxidation are calculated according to the Hiroyasu et al. model [37]. 
The model consists of two equations describing the formation and oxidation rates and the 
net soot rate is the difference between the two equations as follows:   

 �̇�𝑠 = �̇�𝑠𝑓 − �̇�𝑠𝑜 (23) 

�̇�𝑠𝑓 = 𝐴𝑠𝑓𝑚𝑑𝑣𝑝0.5𝑒𝑥𝑝�−𝐸𝑠𝑓 𝑅�𝑇𝑏⁄ � (24) 

�̇�𝑠𝑜 = 𝐴𝑠𝑜𝑚𝑠
𝑝𝑂2
𝑝
𝑝1.8𝑒𝑥𝑝(−𝐸𝑠𝑜 𝑅�𝑇𝑏⁄ ) (25) 

Where: mdv is the mass of diesel vapor, Esf = 12500 cal/mole, p is the cylinder pressure 
in (atm), and Eso = 4100 cal/mole. The adjustable parameters Asf and Aso are taken equal to 
10-4 and 40000, respectively [38]. 

2.10. Flow rate through valves 
The flow rates through the valves are usually calculated by the equations of isentropic 

compressible fluid flow through a nozzle. To account for the real flow, a discharge coefficient, 
which is experimentally determined, is added to the equations [29]. These equations relate the 
mass flow rate with the stagnation pressure and temperature upstream of the valve (pus, Tus) and 
the static pressure downstream of the valve (pds). For the inlet flow through the intake valve, 
𝑝𝑢𝑠 = 𝑝𝑖𝑚,𝑇𝑢𝑠 = 𝑇𝑖𝑚,𝑎𝑛𝑑 𝑝𝑑𝑠 = 𝑝𝑐𝑦𝑙. For the exit flow through the exhaust valve 𝑝𝑢𝑠 =
𝑝𝑐𝑦𝑙 ,𝑇𝑢𝑠 = 𝑇𝑐𝑦𝑙 ,𝑎𝑛𝑑 𝑝𝑑𝑠 = 𝑝𝑒𝑚. The subscripts cyl, im, and em denote cylinder, intake 
manifold, and exhaust manifold respectively. The mass flow rates are calculated as follows [35]: 

- For subsonic flow where: 𝑝𝑑𝑠
𝑝𝑢𝑠

< � 2
𝑘+1

�
𝑘

𝑘−1 

�̇� = 𝐶𝐷𝐴𝑣𝑝𝑢𝑠��
2𝑘

(𝑘 − 1)𝑅𝑇𝑢𝑠
� �
𝑝𝑑𝑠
𝑝𝑢𝑠

�
2
𝑘
�1 − �

𝑝𝑑𝑠
𝑝𝑢𝑠

�
𝑘−1
𝑘
� (26) 

-   For sonic flow where: 𝑝𝑑𝑠
𝑝𝑢𝑠
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 (27) 

The values of the discharge coefficients (CD) are taken from the experimental results 
presented in [35]. 
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2. Definitions 
The following equation defines the SR, which is the ratio of the NG mass flow rate to 

the total fuel (NG and diesel) mass flow rate. 

𝑆𝑅 =
�̇�𝑁𝐺

�̇�𝑑 + �̇�𝑁𝐺
 (28) 

The bsfc, which is defined as the mass flow rate of fuel consumed per unit brake power and is 
given in units of g/kW.h, is calculated based on the mass flow rates of both fuels. A correction is 
suggested to take into account the variation in the heating values of the fuels [39]. The bsfc is given by: 

𝑏𝑠𝑓𝑐 =
[�̇�𝑑 + �̇�𝑁𝐺(𝐿𝐻𝑉𝑁𝐺 𝐿𝐻𝑉𝑑⁄ )] × 3600

𝐵𝑃
 (29) 

3. Validation of the simulation model 
The governing equations from (1) to (27) are applied on the engine processes (intake, 

compression, fuel injection, combustion, expansion and exhaust). A step-wise solution using 
Runge-Kutta fourth order method is carried out. For examining the simulation model 
validity, the model is executed using the engine specifications in [19] at different loads and 
different SRs. The following figures represent the results at a constant load of 80% of the full 
engine load and different SRs. The results of the pressure time diagram inside the engine 
cylinder are plotted in Figure 1 to Figure 5. The variation of NOx and soot emissions with SR 
is represented in Figure 6 and Figure 7, respectively. It can be concluded from the figures 
that reasonable agreement is achieved between the simulation and the experimental results 
and the model is valid for simulating the performance of a dual fuel NG-diesel engine. 

 

 

 

 

 

 
Fig. 1. Cylinder pressure variation with crank angle at 80% load, 0% SR 

 

 

 

 

 

 

Fig. 2. Cylinder pressure variation with crank angle at 80% load, 27% SR 
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Fig. 3. Cylinder pressure variation with crank angle at 80% load, 42% SR 

 

 

 

 

 
 

 

Fig. 4. Cylinder pressure variation with crank angle at 80% load, 56% SR 

 

 

 

 

 

 
Fig. 5. Cylinder pressure variation with crank angle at 80% load, 91% SR 

 

 

 

 

 

 

 

Fig. 6. NOx emissions variation with SR at 80% load 
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Fig. 7. Soot emissions variation with SR at 80% load 

4. Engine specifications 
The engine used in the current simulation analyses is HELWAN M114 diesel engine 

manufactured by Helwan Diesel Engines Company, Factory 909. The main engine 
specifications are listed in Table 1. A schematic of the combustion chamber of the engine 
showing the location of the NG injector for the proposed technique is given in Figure 8.  

5. Natural gas composition 
The NG composition used in this analysis is taken as the composition of the NG 

produced from Abu Madhi field which is an Egyptian field located in the Nile delta [40]. 
The data of the composition are given in Table 2. 

           Table 1.  
          Main engine specifications used in this study 

 

 

 

 

 

 

                      Table 2.  
                      NG composition used in this study 

Component Volume (%) 
Methane 92.766 
Ethane 4.117 

Propane 1.211 
Carbon dioxide 0.688 

Nitrogen 0.385 
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Fig. 8. A schematic of the combustion chamber of the engine showing the location of the NG 
injector for the proposed technique 

6. Results and discussion 
Figure 9 represents a comparison between the cylinder pressure variation with crank 

angle for EDI and IMI techniques at 40% SR and 90% SR and at a constant speed of 2000 
rpm. The fuel-air ratio is kept constant for the two techniques at the same SR value. It can be 
noticed that the pressure profile for the EDI technique is higher than that of the IMI 
technique at the same fuel-air ratio. This can be referenced to the difference in the volumetric 
efficiency values for the two techniques at the same conditions. The volumetric efficiency of 
the EDI technique is higher as the engine inducts air only while in the IMI technique it 
inducts air-NG mixture which reduces the inducted amount of air due to the displacement of 
the in-cylinder air by the NG.  Therefore, more amount of fuel can be injected using the EDI 
technique at the same fuel-air ratio which results in higher pressure profile as shown in the 
figure. The corresponding values of volumetric efficiency, brake power and brake thermal 
efficiency are tabulated in Table 3 at 40% SR and 90% SR. It can be found that using EDI 
technique results in a percentage increase in the brake power of 3.8 % and 8.7% at 40% SR 
and 90% SR, respectively compared to the use of IMI technique. 

 

 

 

 

 

 
Fig. 9. Cylinder pressure variation with crank angle using EDI and IMI techniques 

Table 3.  
Comparison between the performance results of IMI and EDI techniques 

Technique 40% SR 90% SR 
𝜂𝜂v (%) BP (kW) 𝜂𝜂bth (%) 𝜂𝜂v (%) BP (kW) 𝜂𝜂bth (%) 

IMI 91.4 43.08 34.41 88.6 41.12 32.58 
EDI 93.3 44.7 34.7 93.3 44.7 33.32 

In order to evaluate the effects of variations in load and SR on the engine performance 
using EDI technique, results were obtained from the model at a constant speed of 2000 
rpm. The SR was varied from 0% to 90%. Increasing the SR above 90% may lead to 
misfire since it results in low ignition energy for the NG-air mixture from the combustion 
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of low amount of diesel fuel [11,19]. The engine load was varied from a low load of 20 
kW to the full engine load which equals 44.7 kW (60 hp).  

Figure 10 illustrates the variation of the cylinder pressure with crank angle at full load and 
different SRs. During the compression stroke, increasing the SR results in increase in the 
cylinder contents mass since NG is injected after IVC. The increase in mass results in a slight 
increase in pressure during the compression stroke. The NG has a low laminar flame speed, 
therefore, increasing the SR ratio reduces the fuel burning rate which reduces the pressure 
rise rate through the engine cylinder. Moreover, the piston downward movement through the 
expansion stroke leads to further decrease in the cylinder pressure. This can be noticed in 
Figure 10 at SRs 0% to 90%. The same trend of the pressure variation with SR is also 
noticed in the temperature variation as shown in Figure 11 for the same discussed reasons.    

 

 

 

 

 

 
Fig. 10. Cylinder pressure variation with crank angle at full load and using different SRs 

 

 

 

 

 
 

Fig. 11. Cylinder temperature variation with crank angle at full load and using different SRs 

Figure 12 represents the temperature variation of the burned and unburned zones 
besides the average temperature at 0% SR and 90% SR. It can be noticed that the burned 
zone temperature using 90% SR is slightly higher than the of 0% SR since the LHV of NG 
is 48556 kJ/kg (based on the used composition) while it is 43400 kJ/kg for diesel. The 
unburned zone temperature using 90% SR is lower than that using 0% SR due to the low 
flame speed of the NG which allows the downward piston movement effect to reduce its 
temperature. The average temperature profile of the in-cylinder content has a slow rise rate 
at 90% SR as shown in the figure due to the slow burning rate of the NG.       
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Fig. 12. Burned, unburned, and average cylinder temperatures variation with crank angle at 0% 

SR and 90% SR 

Figure 13 represents the variation of cylinder maximum pressure with load using 
different SRs. With increasing load, the cylinder maximum pressure increases due to the 
increase of the fuel amount and hence the released energy from the fuel during the 
combustion process. The maximum pressure increases from 58.3 bar to 68.5 bar at 0% SR 
with a percentage increase of 17.5% through the load range. At 90% SR, the same 
corresponding values are 50.2 bar, 52.6 bar with a percentage increase of 4.8%. The 
maximum pressure decreases with increasing SR at the same load due to the low burning 
rate of NG as discussed previously. where it can be noticed that it decreases from 68.5 bar 
at 0% SR to 52.6 bar at 90% SR at full load. This suggests that the diesel fuel injection, 
which initiates the combustion, should be advanced with increasing SR.   

Figure 14 shows that the maximum cylinder temperature increases with increasing load 
due to the increase of fuel amount as mentioned above.  It increases from 1313 K to 1689 
K at 0% SR with a percentage increase of 28.6% through the load range. It also, increase 
from 1191 K to 1583 K at 90% SR with a percentage increase of 32.9%. Moreover, the 
maximum temperature decreases with increasing SR at the same load due to the slow 
burning rate of NG where it decreases from 1689 K at 0% SR to 1583 K at 90% at the full 
load condition. The slow burning rate of NG increases the time available for heat transfer 
through cylinder walls and, therefore, the heat transfer rate increases which produce further 
reduction in the maximum cylinder temperature. 

The brake thermal efficiency of the engine increases with the load as shown in Figure 15 
due to the increase in maximum cylinder temperature. It increases from 30.6% to 36.8% at 
0% SR with a value of 6.2% through the load range and it increases from 27.9% to 33.3% 
with an increment of 5.4% at 90% SR at the same load range. The brake thermal efficiency 
decreases with increasing SR at the same load where it decreases from 36.8% at 0% SR to 
33.3% at 90% SR at full load condition. These trends in the brake thermal efficiency follow 
the same previous trends in the maximum pressure and temperature. It can be noticed from 
Figure 14 that the maximum temperature curves converge at high SRs starting from 50% SR 
and this convergence is reflected on the brake thermal efficiency curves in Figure 15. 
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Fig. 13. Variation of cylinder maximum pressure with load using different SRs 

 

 

 

 

 
 

Fig. 14. Variation of cylinder maximum temperature with load using different SRs 

 

 

 

 

 
 

Fig. 15. Variation of brake thermal efficiency with load using different SRs 

Because of the increase in brake thermal efficiency with the load, the bsfc decreases as 
can be seen in Figure 16. The bsfc decreases from 271 g/kW.h to 226 g/kW.h at 0% SR 
with a percentage reduction of 16.6% through the load range. At 90% SR, it decreases 
from 297 g/kW.h to 249 g/kW.h with a percentage reduction of 16.2% following the 
reverse trend of the brake thermal efficiency. At full engine load, the bsfc increased with a 
percentage of 10.2% when the SR was increased from 0% SR to 90% SR. The same trend 
of convergence in the results at high SRs is noticed in Figure 16. 
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Fig. 16. Variation of bsfc with load using different SRs 

 

 

 

 

 
 

Fig. 17. Variation of mechanical efficiency with load using different SRs 

Increasing the engine load by increasing the amounts of injected fuels results in more 
energy release and hence more rise in the cylinder pressure which increases the indicated 
power. Also, the friction power increases with the load due to the increased cylinder 
pressure. The increase in cylinder pressure results in increase in the normal force which 
pushes the piston rings against the cylinder walls produces higher friction power. 
However, the increase in the friction power is very small relative to the increase of the 
indicated power which results in a considerable increment in the brake power and hence in 
the mechanical efficiency as can be seen in Figure 17. The mechanical efficiency increases 
from 65% to 80% at 0% SR and from 65.6% to 80.8% at 90% SR. It is noticed that the 
mechanical efficiency has a slight increase with increasing SR values at the same load due 
to the corresponding decrease in maximum cylinder pressure values in Figure 13.  

The emissions of NOx are mainly affected by the cylinder temperature. The higher the 
temperature the greater the amount of produced NOx. As indicated in Figure 18, NOx 
emissions increase with increasing engine load due to the increase in cylinder temperature. At 
low loads, almost zero g/kW.h of NOx are produced even with diesel fuel only (0% SR) due to 
the low temperature level of the cylinder content. Increasing SR values reduces the NOx 
emissions at the same load through the load range. The effect of NG addition on reducing NOx 
emissions is more pronounced at high loads where it decreases from 2.1 g/kW.h at 0% SR to 
1.5 g/kW.h at 90% SR with a percentage reduction of 28.6% at full load condition.  

The main parameter that affects soot emissions when varying load and SR is the amount 
of diesel fuel as the soot emissions from the NG combustion at lean mixture condition is 
approximately zero. Increasing the engine load at constant SR means increasing the amount 
of diesel fuel which in turn increases soot emissions as shown in Figure 19. The soot 
emissions increase from 1.71 g/kW.h to 2.7 g/kW.h at 0% SR with a percentage increase of 
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58% as the fuel is diesel only while it achieved a very little increase from 0.26 g/kW.h to 
0.38 g/kW.h at 90% SR due to the high percentage of NG. At full engine load, the percentage 
reduction in soot emissions was 86% when the SR increased from 0% SR to 90% SR.  

 
 

 

 

 
 

 

Fig. 18. Variation of NOx emissions with load using different SRs 

 
 

 

 

 
 

 

Fig. 19. Variation of soot emissions with load using different SRs 

7. Conclusions 
EDI technique of NG in a dual fuel engine was studied using a two-zone 0-D model. 

The model is applied to study the performance of HELWAN M-114 diesel engine when 
operating in dual fuel mode with NG and diesel as a case study. The results are obtained by 
varying the engine load and the SR. The results can be concluded as follows: 

1- The EDI technique results in increase in the volumetric efficiency, the brake power, 
and the brake thermal efficiency compared to using IMI technique at constant air-
fuel ratio. The maximum increase in brake power is 8.7% at 90% SR and full load.  

2- The slow burning rate of NG results in reduction in the maximum cylinder pressure 
and temperature with increasing the SR through the used load range. A suggested 
solution is to advance the injection timing of diesel fuel with increasing SR. 

3- The brake thermal efficiency decreases with increasing SR due to the decrease in the 
maximum cylinder temperature. The brake thermal efficiency decreased from 36.8% 
at 0% SR to 33.3% at 90% SR at full load condition. This results in an 
accompanying increase in brake specific fuel consumption form 226 g/kW.h at 0% 
SR to 249 g/kW.h at 90% SR with a percentage increase of 10.3% at full load. 

4- The decrease in the maximum cylinder pressure with increasing the SR leads to a very slight 
increase in the mechanical efficiency from 80% at 0% SR to 80.8 at 90% SR at full load. 

5- The major benefit of increasing the SR is the reductions in NOx and soot emissions. 
However, higher SRs than 50% SR are required at high loads for substantial 
decrease in NOx and soot emissions to meet the requirements of the emission 
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standards. NOx emissions decreased from 2.1 g/kW.h at 0% SR to 1.5 g/kW.h at 
90% SR with a percentage reduction of 28.6% and soot emissions decreased from 
2.7 g/kW.h at 0% SR to 0.38 g/kW.h at 90% SR with a percentage reduction of 86% 
at full load condition. This supports the suggestion of applying EDI technique 
especially at high SRs to reduce NOx and soot emissions with higher brake power 
and brake thermal efficiency compared to using IMI technique. 
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 دیزل) -نموذج محاكي لمحرك مزدوج الوقود (غاز طبیعي 
 باستخدام تقنیة الحقن المباشر المبكر للغاز الطبیعي

 الملخص العربى

لقد زاد البحث عن الوقود البدیل بسرعة لتخفیف مشاكل التلوث الناتجة عن استخدام الوقود التقلیدي في 
نھ أكثر البدائل الواعدة بسبب انخفاض سعره أمحركات االحتراق الداخلي. ولقد ظھر الغاز الطبیعي على 

 وتوافره في مختلف أنحاء العالم.

لمحاكاة المحرك المزدوج الوقود (الغاز  لمناطق صفري البعدفي ھذا البحث، تم تطویر نموذج ثنائي ا
یتكون النموذج  الدیزل) لدراسة أداء المحرك بتقنیة مقترحة للحقن المباشر المبكر للغاز الطبیعي. -الطبیعي 

من عدة نماذج فرعیة تعتمد على صیغ شبھ تجریبیة مع حقن الغاز الطبیعي مباشرة في بدایة مشوار 
باستخدام الوقود المزدوج  HELWAN M-114تطبیق النموذج لدراسة أداء محرك الدیزل  االنضغاط. تم

 الدیزل) كدراسة حالة. -(الغاز الطبیعي

یؤدي إلى زیادة الكفاءة  (EDI)تشیر النتائج إلى أن استخدام تقنیة الحقن المباشر المبكر للغار الطبیعي 
الحجمیة وبالتالي القدرة الفرملیة للمحرك مقارنة بدخول الغاز الطبیعي مع الھواء من خالل مشوار السحب 

(IMI) عند نسبة كتلة للغاز الطبیعي في إجمالي 8.7. وكانت النسبة المئویة لزیادة القدرة الفرملیة ھي ٪
 (SR)تقییم التقنیة المقترحة تم تشغیل النموذج عند أحمال ونسب ٪ عند الحمل الكامل. ل90ھي  (SR)الوقود 

إلى أن معدل  (SR)مختلفة. أشارت النتائج التي تم الحصول علیھا عن طریق تغییر القدرة الفرملیة للمحرك و 
٪ وزیادة في 3.5االحتراق البطيء لـلغاز الطبیعي ینتج عنھ انخفاض في الكفاءة الحراریة الفرملیة بنسبة 

٪ عند الحمل الكامل. ومع ذلك، ھناك 90تساوي  SR٪ عند 10.2االستھالك النوعي الفرملي للوقود بنسبة 
وھي االنخفاض في أكاسید النیتروجین وانبعاثات السناج وخاصة عند أحمال المحرك  SRمیزة كبیرة لزیادة 

٪ عند الحمل 90تساوي  SR٪ على التوالي عند  86٪ و 28.6العالیة حیث تم تخفیضھا بنسب مئویة ھي 
 الكامل.
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